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Abstract. This contribution presents a model update procedure and its experimental valida-
tion using the example of a blade integrated disk rotor. This so called blisk is discretized us-
ing the finite element method. It is well known that numerical blisk models based on the ideal
tuned design show major differences in structural dynamic behavior compared to the real ro-
tor. In this context a modification of the mechanical simulation model should lead to a better
accordance of numerical results and the real blisk characteristics. The described model up-
date procedure utilizes data of an optical 3D measurement system. Using this data enables to
identify geometric deviations between the ideal design and its real counterpart. Within the
update procedure the originally tuned finite element mesh is modified in order to match the
measured geometry of the real part. This is done by defining several morph regions. The out-
er surface nodes of these morph regions change their position along the surface normal vec-
tor until they meet the defined deviation constraint. Based on eigenvalue calculations
employing free boundary conditions the sensitivity of structural dynamic behavior is shown
with respect to small geometric changes. Finally computed eigenvalues and eigenvectors of
the updated simulation model are compared with vibration measurement data. A laser Dop-
pler vibrometer is used to detect the vibration responses of the impact excited structure. All
experiments are carried out under technical vacuum conditions in order to minimize ambient
air damping. In the context of an experimental modal analysis this low damping condition
helps to identify more natural frequencies of the investigated structure. This leads to a much
more efficient model validation.
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1 INTRODUCTION

One of the main objectives in engineering practice is to predict structural behavior due to
different load conditions. There are several possibilities reaching this target. One of the most
popular ways to simulate mechanical systems behavior is to discretize a structure using the
Finite Element Method (FEM). The transformation of a continuum into finite elements is ac-
companied by several challenges. On the one hand this discretization necessarily leads to dif-
ferences between the CAD geometry of a part and its simulation model. On the other hand the
manufactured part is affected by errors. That means that there are deviations between the digi-
tally designed CAD model and its real counterpart. Commonly deviations between a simula-
tion model and the real mechanical system cause an inaccurate prediction of structural
behavior. Therefore several model update strategies are available in order to harmonize nu-
merical prediction with experimental experiences.

This contribution presents a model update procedure which focuses on small manufactur-
ing driven geometry changes of a rotating aircraft engine part. Object of investigation is a
blade integrated disk rotor (blisk). Here, the milling process causes small geometric devia-
tions between real part and the designed rotor. These deviations from the ideal design inten-
tion, known as ‘mistuning’, come along with a number of particularities in structural
dynamics. Thus, mistuning can cause localized mode shapes which lead to a concentration of
vibration energy in several or even a single blade [1-5]. By this the regular character of the
mode shapes gets lost. In presence of a dynamic load case these blades are subject to higher
magnitudes of vibration induced stresses compared to the ideal design.

Traditionally these mistuning effects are taken into account by a stiffness proportional
model update approach [6-9]. The central point of this strategy is to modify the Young’s
modulus or respectively the stiffness matrix of each rotor blade until the finite element model
is able to predict measured natural frequencies of the real rotor blade. It has been shown by a
number of researchers that this is a sufficient way to simulate mistuning effects [6-9]. The ad-
vantage of this method is that there is only one model update parameter per blade. Therefore
this model modification is easy to handle and no extensive computational resources are need-
ed. Unfortunately, comprehensive measurements are necessary to identify the mistuned natu-
ral frequencies of the real system which must be known for model update. Furthermore the
reliability of this stiffness proportional approach is limited to a comparatively small frequency
range. This means the model update has to be done separately for each frequency range of in-
terest.

Especially these disadvantages motivate the community to look for alternative ways of
model update. A promising approach of the recent past is to consider the geometric deviations
due to manufacturing within the simulation model. Existing publications dealing with this
topic clearly indicate the relationship between geometry deviations and simulation model dy-
namics [10-12]. But finally a validation of the methodology turned out to be difficult due to
the small manufacturing tolerances which have to be modeled. For this reason the present pa-
per discusses an updated model of an industrial test blisk which could be validated for a com-
paratively large frequency range.

2 IDEALIZED STRUCTURAL DYNAMICS

To get a first impression of structural dynamics behavior the modal parameters of the ini-
tial rotor design has to be determined. The homogeneous equation of motion reads:

Mi(t) + Dx(t) + Kx(t) = 0. )
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Herein M represents the mass matrix, D the structural damping matrix and K the stiffness
matrix of the blade integrated disk. Further on an undamped system is assumed (D = 0). The
assumption results from knowledge of modal structural damping ratios of those structures
which are considerably lower than { = 0.3% [13, 14]. The influence of those structural damp-
ing values is negligibly in case of free blisk vibrations. Consequently the modal parameters
sought for could be identified by formulating and solving the undamped eigenvalue problem

(MA2 + K)preMt =0, (3)

where A, is the k-th eigenvalue and ¢ is the k-th eigenvector of the system. To compute
the needed system matrices M and K a finite element mesh has to be created. Figure 1 shows
the finite element mesh for one sector with about 53.500 continuum elements of type C3D10.
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Figure 1: Finite element sector mesh of a blade integrated disk rotor (disk mesh not shown)

Two elements were used in blade thickness direction (Figure 1, Detail 1). The Leading edge
curve is discretized through 12 nodes and the trailing edge curve through 21 nodes (Figure 1,
Detail 2). Because all sectors are identical for the tuned design intention the modal parameters
of the whole rotor were calculated by using a single sector model with cyclic symmetry
boundary conditions. Figure 2 illustrates the first three computed mode shapes whose dis-
placements are located at the blade section of the rotor.

, B
Blade mode 1 Blade mode 2 Blade mode 3

Figure 2: Computed blade mode shapes of the tuned simulation model with cyclic symmetry
boundary conditions
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Furthermore the vibration modes of the tuned model are categorized according to three ma-
jor criteria. The cyclic symmetry mode index (CSM), the distribution of strain energy as well
as the mode shape similarity are considered in order to arrange all resonances up to f,orm =
4.5 in a nodal diameter map shown in Figure 3. The maximum cyclic symmetry mode index,
that can occur, is limited by the number of blades N. In case of an even number of blades it is
given by

CSMppax = = 4)
for an odd number of blades follows

CSMmax = T . (5)

Secondly a mode classification according to blade-dominated, disk-dominated or mixed

mode is done by the assessment of the strain energy distribution as introduced in [15]. A

strain energy localization of more than 86% within the blade region indicates a blade domi-

nated mode. Accordingly a disk dominated mode is characterized by 75 % strain energy local-

ization inside the disk. The remaining modes are summarized as mixed modes. These limits
are problem specific values and may vary for different blisk applications.
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Figure 3: Nodal diameter plot

In a last step groups of classified modes with almost the same blade mode shape are identi-
fied by using the Modal Assurance Criterion (MAC) as explained in [16]. At this point several
cyclic symmetry modes with similar or nearly the same blade mode shapes (MAC > 0.9) es-
tablish a family of modes. Inside Figure 3 the identified blade mode families are highlighted
by a rectangle.
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3 MODEL UPDATE PROCEDURE

As described in the introduction the manufacturing process always causes deviations be-
tween the ideal design intention and the real part. Considering these differences is of major
importance in order to compute structural dynamics characteristics as accurate as possible. A
two step procedure is needed to improve the ideal simulation model of the blade integrated
disk described in chapter 2.

First of all the real geometry of the part has to be digitalized. To get the requested high
resoluted surface information an optical 3D geometry measurement system is used as shown
in Figure 4.

Industrial Industrial test blisk
robot arm (object of investi-
gation)
Optical Rotatable
scanner Table

Figure 4: Non contact geometric measurement system of TU Dresden - Chair of Tur-
bomachinery and Flight Propulsion

These high resolution measuring cameras are well proven in engineering practice and rep-
resent a state of the art measurement solution for reversed engineering. Precision of such a
system has been proven to be within 2.5 um [17]. One major advantage of such a non contact
solution is the possibility to get a large number of coordinate informations very fast. Further-
more this technology allows capturing coordinates from areas which are difficult to access
and could not be taken into account using conventional coordinate measurement machines.
More details, advantages and disadvantages concerning optical coordinate measurements are
published in [17-19]. The experimental setup which was used to get the results presented in
the following includes an optical scan head, a robot arm for moving the scan head automati-
cally and a rotatable table that carries the test blisk.
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Figure 5: Triangulated surface based on opti- Figure 6: Deviation plot for an exemplary
cal measurements in the tip area of an exem- blade ring section - initial finite element
plary trailing edge mesh versus measured part geometry
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After digitalizing the blisk the resulting point cloud data were processed to a triangulated
surface mesh of the blisk shown in Figure 5. Due to experimental setup restrictions it is not
possible to scan the disk of the part as well. Because of that the following data evaluation fo-
cuses on the blade ring (Figure 6). The deviations between tuned design and the real part are
quantified by calculating the normal to surface distances for every node of the surface mesh.
As shown in Figure 6 the deviations remain in lower triple digit micro meter range (triple +
or triple —). Positive or respectively negative values indicate additional or missing material.
Large deviations are mainly identified in blade leading, tip and trailing edge region. The green
color indicates that the mean error of the remaining blade regions is much lower in the single
digit micrometer range.

Within the second step of the model update procedure the finite element mesh has to be
modified in order to match the experimentally identified surface mesh. The mesh modification
shape is calculated evaluating the deviations for each mesh node of the reference mesh (Fig-
ure 1) along its element normal. The shape illustrated in Figure 7 is used to modify the initial
finite element mesh (Figure 1) to ensure the best representation of the measured surface (Fig-
ure 5). Each node is shifted along its shape vector. A penetration of the measured surface
mesh is not permitted in this context.
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Figure 7: Mesh modification shape for exem- Figure 8: Deviation plot for a an exemplary
plary leading edge blade ring section - updated finite element
mesh versus measured part geometry

After finishing mesh morphing the updated model has to be compared with the measured
part geometry. The corresponding deviation plot (Figure 8) shows nearly no visible differ-
ences between updated mesh and measured real part. On average the remaining deviations are
in range of plus minus one digit micrometer. For this reason model modification is assessed to
be sufficient.

4 MODEL VALIDATION METHOD

The mesh updating procedure presented in Chapter 3 affects both the calculated mass ma-
trix of the investigated structure and the stiffness matrix. Compared to Chapter 2 the original-
ly assumed cyclic symmetry of the blisk is disturbed due to the introduced geometric
modifications. Commonly there is an influence on the resulting modal parameters evaluated
by solving the undamped eigenvalue problem as described in Equation 3. These updated
modal characteristics have to be checked for validity. Commonly modal parameters of the real
part are identified by an experimental modal analysis and compared to their numerical coun-
terparts. As shown in Figure 3 natural frequencies of a blade integrated disk are appearing
very close to each other. Therefore the comprehensive natural frequency identification is dif-
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ficult due to modal coupling effects. For this reason a vacuum test stand is used in order to
minimize ambient air damping. In an experimental modal analysis this low damping condition
helps to identify more natural frequencies of the investigated structure since modal coupling is
decreasing.

4.1 Experimental Setup

The experimental determination of modal parameters within low pressure condition is car-
ried out inside a vacuum test stand (Figure 9). Vibration excitation is realized with an impact
mechanism. In addition laser scanning vibrometer measurements are applied to determine one
frequency response function per blade in the frequency range of the blade modes 1 to 3 (Fig-
ure 3). A foam cuboid is used to support the blisk and ensure nearly free boundary conditions.
Disturbing acoustical resonances are prevented by facing the inner surface of the chamber
with nubby foam material.
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Figure 9: Vacuum test stand and experimental setup in detail

After initializing the test setup the ambient air pressure inside the vacuum champer is re-
duced to 100 Pa. Vibration measurements are carried out for all blades of the blisk successive-
ly at the leading edge tip (Figure 10). The location of impact does not change during the
experiments.

To illustrate the influence of low pressure conditions on measured vibration response Fig-
ure 11 compares the normalized measured vibration velocity for an exemplary blade at 100 Pa
and 100 kPa respectively. Apart from ambient pressure all experimental parameters remain
unchanged. As already mentioned vacuum condition largly eliminates damping contribution
of the surrounding fluid and results to a more gently decreasing amplitude response in time
domain. Measurement data exemplary shown demonstrate that even if the damping contribu-
tion of the surrounding air is low it has major influence on system response. In order to em-
phasize the importance of this low damping condition for modal parameter identification the
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time signal shown in Figure 11 is converted into frequency domain using a Fast Fourier
Transformation within the next step.
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Figure 10: Experimental setup — location of
response measurement (left) and impact exci-
tation (right)

Vacuum
Standard

o
n

Normalized Velocity [-]
]

0 5 10 15 20
Time [s]

Figure 11: Comparison of normalized impact

response at vacuum (100 Pa) and at ambient

air pressure (100 kPa) for an exemplary

blade

A detailed look at the results of this transformation (Figure 12) clarifies that decreasing
ambient pressure affects a better separation of resonance peaks in frequency domain. Fur-
thermore a small frequency shift appears due to modified damping values (cf. Equation 2).
The Phase spectrum illustrated in Figure 13 confirms the impression of better identification

opportunities at vacuum conditions.
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Figure 12: Comparison of normalized velocity
spectrum at vacuum (100 Pa) and at ambient

air pressure (100 kPa) for an exemplary blade
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Figure 13: Comparison of phase spectrum at

vacuum (100 Pa) and at ambient air pressure
(100 kPa) for an exemplary blade

In context of a sufficient model validation it is advantageous to identify as much modal pa-
rameters as possible by an experimental modal analysis. The blade integrated disk considered
here has extremely strong coupled resonance frequencies. Because of that the presented test
facility helps to realize an effective simulation model validation.
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4.2 Modal Parameter Identification

Within the next step model parameters have to be extracted from measurement data re-
ceived by impact measurements described in Chapter 4.1. There are a number of publications
dealing with modal parameter identification from vibration experiments. Due to strong cou-
pled resonances as mentioned in the chapter before a multi degree of freedom approach
(MDOF) is necessary for interpreting measurement results. The procedure applied here uses
an optimization-aided nonlinear least square method in order to fit the frequency response
function. A detailed description of this method is given in [20].

Figure 14 shows an exemplary frequency response function fit. Illustrated are the velocity
and phase spectra resulting from the experiment (black) and fitted with the MDOF approach
(red) in the frequency range of blade mode 1 (cf. Figure 3). Additionally the residuals are de-
fined by

B — 1)
Error(f) = ——=m7—- (6)

[HE™]

Herein H; denotes the complex frequency response function. Amplitude and phase error
are plotted separately on the top of Figure 14. Close to resonances the fitting error is in low
one digit percentage range. Thus, a reliably natural frequency, damping value and eigenvector
identification can be guaranteed.
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Figure 14: Comparison of measured and fitted forced response function for an exemplary
blade in the frequency range of blade mode family 1
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In case of the blade integrated disk rotor which is discussed here the introduced fitting al-
gorithm allows to identify about 250 natural frequencies in the range of blade mode 1 to blade
mode 3. Moreover 35 eigenvectors are evaluated within this frequency range. More specifi-
cally 21 circumferential system modes of blade mode 1, 6 system modes of blade mode 2 and
8 system modes of blade mode 3 are available for model validation. Each eigenvector consid-
ers one measurement degree of freedom per blade (cf. Figure 10). The comparably low num-
ber of identified eigenvectors can be explained due to the strong modal coupling of
neighboring resonances. For these cases a comprehensive evaluation of eigenvectors is much
more difficult than natural frequency identification.
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Figure 15: Experimental identified system modes reduced to one degree of freedom
(4 modes out of 35)

Figure 15 (a-d) exemplary shows 4 circumferential system modes out of 35 which have
been identified within the described measurement campaign. Even this first evaluation of ex-
perimental modal analysis impressively demonstrates mistuning effects. Especially modes
plotted in Figure 15 (b) and (d) are characterized by a strong localization. That means only a
few blades participate in this system mode. In general terms the presented natural frequencies
and eigenvectors will be a purposeful data base validating the modified simulation model
generated in Chapter 3.



T. Maywald, A. Kiihhorn and S. Schrape

4.3 Validation Results

Key topic of the present paper is to validate geometric modified finite element simulation
model. This section uses the modal parameters extracted from vibration measurements as de-
scribed in Chapter 4.2 and compares them against their numerical counterparts calculated with
the finite element model updated in Chapter 3.

First of all the normalized frequencies of the idealized simulation model, the updated simu-
lation model and the experimental identified frequency values are shown in Figure 16(a). The
illustration focuses on the frequency range of the first blade mode. Corresponding blade mode
shape as well as the circumferential system mode classification has been introduced in Chap-
ter 2. For better understanding a detailed nodal diameter plot is added (Figure 16(b)).
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Figure 16: Normalized frequency values in the frequency range of blade mode 1 (a) and the
corresponding detailed nodal diameter plot (b)

First of all Figure 16 (a) shows a good match of calculated and measured natural frequen-
cies in case of using the geometry updated finite element model (cf. Chapter 3). Compared
with that there are significant deviations in natural frequency prediction comparing the ideal-
ized finite element model (cf. Chapter 2) with experimental data. In order to characterize the
differences between idealized and updated finite element model towards the experimental
identified frequencies a mode individual frequency deviation is introduced

exp/upd ideal

df; = 1 fideal ' (7)
i

Herein £ or fi“‘”“l respectively is the current frequency of interest. Both frequencies are
related to the corresponding natural frequency of the idealized finite element model. The re-
sulting deviation plot is presented in Figure 17. As can be seen the first impression of a suffi-
cient model update is confirmed. Deviation characteristics of updated model and experimental
data regarding the idealized reference model are nearly the same. In case of blade mode 1 fre-
quency deviations up to 2.5 % are identified comparing the real rotor and the idealized finite
element model. Same magnitude is predicted by the updated simulation model. Largest differ-
ences between measured and numerically predicted frequency characteristics occur in case of
mode IDs corresponding to lower cyclic symmetry indices as for example i = 82 or i = 83.
The comparably large differences are caused by simulation model update input. As described
in Chapter 3 optical measurement results are only available for the blade ring section. That
means geometric properties of the disk remain unchanged. This obviously influences structur-
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al behavior in case of lower cyclic symmetry indices. Further it has to be mentioned that the
resonances i = 70 and i = 79 could not be identified by vibration measurements. Because of
that it is not possible to calculate the corresponding deviation values df;.
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Figure 17: Deviations in natural frequencies between experiment, updated FE and idealized
FE model in the frequency range of blade mode family 1 (a) and the corresponding detailed
nodal diameter plot (b)

The model validation should be done for a comparable large frequency range. Thus, an
identical frequency comparison has been carried out for blade mode 2 and blade mode 3 re-
spectively. In case of blade mode 2 (Figure 18) the impressions of blade mode 1 evaluation
are largely confirmed. The frequency deviation characteristics are predicted well by the up-
dated simulation model. Only lower cyclic symmetry indices show comparably large differ-

ences.
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Figure 18: Deviations in natural frequencies between experiment, updated FE and idealized
FE model in the frequency range of blade mode family 2 (a) and the corresponding detailed
nodal diameter plot (b)

Finally a look at the evaluation results in the frequency range of blade mode 3 (Figure 19)
generally confirms previous statements. In detail increasing differences between real blisk and
updated simulation model can be observed for resonance IDs higher than i=260. In this con-
text it has to be expected that the occurring differences between measurement results and up-
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dated model are increasing by an increasing mode shape complexity. At this point a further
discussion is necessary in order to quantify the influence of geometric errors caused by optical
measurements. Further it has to be discussed if the finite element mesh is able to represent all
relevant geometric features as accurate as necessary. A sufficient mesh study of the ideal
model does not necessarily remain valid in case of local geometric deviations.
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Figure 19: Deviations in natural frequencies between experiment, updated FE and idealized
FE model in the frequency range of blade mode family 3 (a) and the corresponding detailed
nodal diameter plot (b)

To complete model validation experimentally identified and numerically predicted system
modes have to be compared using the Modal Assurance Criterion. As introduced in Chapter
4.2 a system mode is reduced to one degree of freedom per blade. In order to compare numer-
ical and experimental results the numerical based evaluation of the deflection shape is reduced
to one node per blade. It has been proven that the position tolerance between simulation mod-
el node and real part measurement point has a negligible influence to the resulting circumfer-
ential system mode. In the following the conventional MAC is described by

MAC _ (¢gxp¢fe)(¢ge¢exp) (8)
fe — :
e (‘pgxp<pexp)(§0fTe‘pfe)

In this connection ¢ is the current eigenvector of interest with one degree of freedom per
blade. The main diagonal values of the resulting MAC matrix are shown in the bar chart of
Figure 20 (a). It can be seen that the major number of modes is predicted well by the updated
simulation model. Only 7 out of 35 modes show diagonal MAC values lower than 0.8. Corre-
lation values for these suboptimal matching circumferential system modes ranging between
0.5 and 0.8. Figure 20 (d-e) exemplary shows three good matching system modes ID = 76,
ID =166 and ID = 224 as well as one suboptimal matching system mode ID = 16.

In order to rate this result the MAC is calculated a second time with the circumferential
system modes of the idealized finite element model (cf. Chapter 2). Such a comparison shows
nearly no correlation between the tuned finite element model and the measured modes of the
real system. Only 5 out of 35 modes have diagonal MAC values greater than 0.5. Thus the
efficiency of the model update procedure presented in Chapter 3 is emphasized.
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Figure 20: Modal Assurance Criterion for 35 circumferential system modes (a) and detailed
comparison of 4 exemplary modes out of 35 (d-e)

Of course the introduced mode shape validation is not that comprehensive as the compari-
son of natural frequencies. The reasons for that are already discussed in Chapter 4.2. But nev-
ertheless it becomes clear that geometric modifications of blisk simulation models are a
sufficient way improving the prediction of structural dynamics behavior.
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5 CONCLUSIONS

A finite element model of an idealized blade integrated disk has been introduced and its
natural frequencies and mode shapes have been calculated. Within the next step the finite el-
ement model was updated using optical measurement data. In order to validate the updated
model an experimental setup was presented which was used to identify modal parameters of
the real blisk. Vacuum conditions have been proven advantageous in order to get validation
data. Largely eliminated aerodynamic damping contribution of the surrounding fluid leads to
a much better separation of resonance peaks and the number of evaluable natural frequencies
increases dramatically. This finally results in a much more meaningful model validation.

Comparing the experimental identified model parameters with those of the geometric
mistuned simulation model leads to the conclusion that geometric modifications of blisk
simulation models are a sufficient way improving the prediction of structural dynamics be-
havior of these components. In this context the presented industrial test blisk has been suc-
cessfully validated for fundamental blade mode families 1 to 3.

Nevertheless there are several topics which have to be addressed in future research work.
From the numerical point of view it is not finally clear which criterion should be used to eval-
uate the suitability of a finite element mesh in order to consider all geometric features of in-
terest. Furthermore it has to be discussed how to deal with unavoidable measurement errors in
context of an optical surface capturing. In addition the vibration measurement setup has to be
improved. Here a similarly comprehensive evaluation would be desirable for circumferential
system modes as natural frequencies. Alternatively equivalent model validation procedures
could be studied for reducing experimental efforts.
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